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Abstract
The effects of ethanol fumigation on the inter-cycle variability of key in-
cylinder pressure parameters in a modern common rail diesel engine have
been investigated. Specifically, maximum rate of pressure rise, peak pres-
sure, peak pressure timing and ignition delay were investigated. A new
methodology for investigating the start of combustion was also proposed and
demonstrated—which is particularly useful with noisy in-cylinder pressure
data as it can have a significant effect on the calculation of an accurate net
rate of heat release indicator diagram. Inter-cycle variability has been tra-
ditionally investigated using the coefficient of variation. However, deeper in-
sight into engine operation is given by presenting the results as kernel density
estimates; hence, allowing investigation of otherwise unnoticed phenomena,
including: multi-modal and skewed behaviour. This study has found that op-
eration of a common rail diesel engine with high ethanol substitutions (>20%
at full load, >30% at three quarter load) results in a significant reduction of
ignition delay. Further, this study also concluded that if the engine is oper-
ated with absolute air to fuel ratios (mole basis) less than 15, the inter-cycle
variability is substantially increased compared to normal operation.
Keywords: Inter-cycle variability, ethanol fumigation, in-cylinder pressure,
diesel engine
∗Corresponding Author.
e-mail: timothy.bodisco@qut.edu.au
Preprint submitted to Energy March 12, 2013
1. Introduction
The need to move away from fossil fuels was outlined in a recent study
by Shafiee and Topal [1] which showed that after 2042 it is probable the
only fossil fuel still available will be coal. Further, in Australia greenhouse
gas emissions, carbon dioxide equivalent emissions, from the transport sector
make up approximately 15% of the total green house gas emissions [2]—this
value in the United States is considerably higher at 28% [3]. Indicators such
as these place pressure for viable, cleaner bio-origin fuels as alternatives to
fossil fuels for transport to be developed and implemented [4].
Fumigation, which is the introduction of supplementary fuels into the
intake air, has been under investigation for diesel fuel substitution since the
late 1920s and the first commercial dual-fuel vehicle was built in 1939 [5];
however, it was first mentioned in Rudolf Diesel’s original patent for internal
combustion engines in 1898 [6]. Fumigation in diesel engines can be achieved
with many liquid and gaseous fuels. Lower alcohols, such as methanol or
ethanol are suitable as secondary fuels (injected either as a vapour or an
atomised liquid) in diesel engines [5, 7–10]. This paper will focus on the effects
that ethanol fumigation has on in-cylinder pressure, and its relationship to
combustion.
Ethanol fumigation represents a currently viable option for reducing diesel
fuel consumption [11, 12]. This is true not only in general transport but
also in agriculture, particularly those industries that can produce their own
ethanol, and for the use in electricity generators [13].
This current study represents a first step in evaluating the practicality of
ethanol fumigation in a modern common rail diesel engine by investigating
inter-cycle variability using neat diesel fuel and with ethanol fumigation up
to 40% by energy. The current literature has only explored ethanol fumiga-
tion in older direct (mechanical) injection diesel engines which typically have
diesel injection 15 to 35 degrees before top dead centre (TDC). Whereas, this
paper investigates a modern common rail engine where injection occurs near
TDC and at a much higher pressure; thereby, completely changing the per-
formance and emissions characteristics. Moreover, most of the current work
is performed on low power single-cylinder engines; given that in-cylinder tem-
perature is a function of engine load it is reasonable to assume that different
characteristics would be found in a higher capacity multi-cylinder engine
operated with fumigated fuels.
Chauhan et al. [14] recently did an experimental study on ethanol fumi-
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gation. This study was performed on a single-cylinder compression ignition
engine with injection timing at 26 degrees before TDC and a rated power
of 7.5 kW at 1500 rpm. Their work focused on the use of ethanol as a sec-
ondary fuel with ethanol substitutions as high as 48%. Results from their
work showed that the emission output of the engine can be improved with the
introduction of ethanol as a fumigated fuel. However, the addition of ethanol
did increase the hydrocarbon emission and past certain ethanol percentage
thresholds all emissions showed increases. They concluded that the optimal
ethanol substitution was 15%.
Lakshmanan and Nagarajan [15] investigated dual fuel operation of a
diesel engine with timed manifold injections of acetylene. The engine used in
their study was a single-cylinder compression ignition engine with injection
timing at 27 degrees before TDC and a rated power of 4.4 kW at 1500 rpm.
In their study the acetylene was introduced into the engine intake manifold
through an electronic gas injector. Acetylene was injected at 5, 10 and 15
degrees after TDC for various injection durations. They determined that
the optimal injection time was 10 degrees after TDC for 9.9 ms. The use of
acetylene slightly increased the smoke output of the engine; however, it had
a positive effect on the emission output of hydrocarbons, NOx, CO and CO2.
Sahin et al. [16] performed an experimental investigation into gasoline
fumigation. As part of their work they have also reviewed the advantages of
fumigating fuels in diesel engines and investigated the cost effects of using
gasoline as a fumigated fuel. Their main study involved fumigating gasoline
into a single-cylinder compression ignition engine with injection timing at 22
degrees before TDC at engines powers less than 6.4 kW. They concluded that:
power increases were possible with gasoline substitutions (by volume) of 6-
8%, specific fuel consumption decreases up to gasoline substitutions of 4-6%
and the most favourable gasoline substitutions lied between 4-6% boasting
both power increases (4-9%) and lower specific fuel consumption (1.5-4%).
Carlucci et al. [17] studied the effects of natural gas (methane) in a dual
fuel single-cylinder diesel engine. For their experiment they controlled the
diesel injection timing to force the combustion peak to occur at 10 degrees
after TDC. However, for their baseline (diesel only) testing pilot diesel in-
jection occurred at 24 and 39 degrees before TDC for 1500 and 2000 rpm,
respectively, with the main diesel injection occurring at 7.5 and 11 degrees
before TDC, respectively. Results in this paper were reported on mean com-
bustion cycles generated by averaging 50 consecutive cycles, which were then
filtered with a low-pass numeric filter. Their research focused on investi-
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gating rate of heat release diagrams and emission. An important conclusion
from this work was that with pilot injection the jet penetration is of the same
importance as the quantity of the fuel used.
Karthikeyan and Mahalakshmi [18] investigated the use of turpentine in
a dual fuel diesel engine. Their experiments were performed on a single-
cylinder compression ignition engine with a rated power of 4.4 kW at 1500
rpm and diesel injection timing at 26 degrees before TDC. The use of tur-
pentine performed well at loads less than 75%; however, above 75% load
substantial increases in emission and decreases in volumetric efficiency were
evident.
Kouremenos et al. [19] performed a comparative study comparing fumi-
gated diesel fuel to fumigated gasoline as a supplementary fuel in a single
cylinder compression ignition engine. The experiments conducted by Koure-
menos et al. were done on a research engine capable of being run in both
Otto or four-stroke diesel mode. During their experiments the engine was
run in diesel mode with a Comet MK.V turbulence-chamber head with diesel
injection timing set at 38 degrees before TDC. Their work made use of a form
of the equivalence ratio, defined by Kouremenos et al. as:
α =
m˙g
m˙d + m˙g
where, m˙g is the supplementary diesel or gasoline mass flow rate and m˙d is
the primary diesel mass flow rate. For Kouremenos et al. this was conve-
nient because of the similar density and gross calorific properties of diesel
and gasoline fuels. Their results showed that knock occurred for gasoline
fumigation at α ≈ 0.20 and for diesel fumigation at α ≈ 0.30. In contrast,
the present analysis does not use this approach because of the significant dif-
ferences between ethanol and diesel fuels—the approach used in this paper
is outlined in Section 3.
Selim [20] showed that dual-fuel operation of a single-cylinder compres-
sion ignition engines gave rise to more inter-cycle variability. His work fo-
cused on examining combustion noise, sound frequency around 1.6-2 kHz, by
investigating the maximum rate of pressure rise and follows on from cyclic
variability work that began with Kouremenos et al. [21] in 1992 which fo-
cused on the inter-cycle variability of the following key parameters: peak
pressure, peak pressure timing, maximum rate of pressure rise, indicated
mean effective pressure and ignition delay in a single-cylinder diesel engine.
In a later work Selim [22] investigated the effects of changing the primary fuel
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from diesel to a bio-derived fuel, jojoba methyl ester, and concluded that the
properties of this bio-fuel reduced the inter-cycle variability and the onset of
knock, owing to a higher cetane number.
Fang et al. [23] investigated the influence of pilot injection and exhaust
gas recirculation on combustion and emissions in a HCCI-DI combustion en-
gine. The engine used in their study was a heavy-duty four-cylinder engine
with a common rail injection system. As part of their study Fang et al. ex-
plored the effect of exhaust gas recirculation and pilot injection quantity on
inter-cycle variability. Inter-cycle variability was discussed in terms of the co-
efficient of variation (COV) of indicated mean effective pressure (IMEP) and
of peak pressure. They show that increasing the pilot quantity decreases the
inter-cycle variability to a threshold and then further increases in pilot quan-
tity increase the inter-variability—in all instances exhaust gas recirculation
decreased inter-cycle variability.
The current study will focus on the inter-cycle variability parameters
investigated by [21]; however, with a modern 6-cylinder common rail diesel
engine with a rated power of 162 kW at 2000 rpm operated with neat diesel
fuel and fumigated ethanol substitutions up to 40% by energy. The higher
relative capacity of the engine in this investigation results in a mean effective
pressure that is at least 30% higher than that of the vast majority of engines
used to investigate light fuel fumigation with compression ignition engines.
This higher mean effective pressure will directly correlate to a higher in-
cylinder temperature, and hence will impact directly on the combustion of
the fumigated fuel.
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2. Terminology and Abbreviations
DXXXEYYY DXXXEYYY represents the
nominal XXX% of diesel fuel by
energy and the nominal YYY%
substitution of ethanol by energy
EMS Engine management system
IMEP Indicated mean effective pressure
Kernel density
estimate
An estimation of the probability
density function
Neat diesel Neat diesel refers to the case
where the engine is run on diesel
fuel only, no ethanol substitution
NRHR Net rate of heat release
RTD Resistance Temperature Detector
TDC Top dead centre (0 and 360 crank-
angle degrees)
3. Experimental Configuration and Data Acquisition
Experiments were conducted on a modern turbo-charged inline 6-cylinder
Cummins diesel engine (ISBe220 31) with common rail injection at the QUT
Biofuel Engine Research Facility (BERF) in June 2011. See Figure 1 for
a detailed schematic of the engine setup featuring the ethanol fumigation
system and the pressure and crank angle data acquisition system. The engine
has a capacity of 5.9 l, a bore of 102 mm, a stroke length of 120 mm, a
compression ratio of 17.3:1 and maximum power of 162 kW at 2000 rpm
and maximum torque of 820 Nm at 1500 rpm. Each cylinder has two inlet
and two exhaust valves. Cylinders two to five share their inlet ports with
their adjacent cylinders. Whilst, cylinders one and six each have one of their
inlet valves supplied by a separate inlet port directly from the inlet manifold
because they only have one adjacent cylinder each to share with.
The engine was coupled to an electronically controlled hydraulic dy-
namometer with load applied by increasing the flow rate of water inside
the dynamometer housing. In-cylinder pressure was measured by a Kistler
(6053CC60) piezoelectric transducer with a Data Translation (DT9832) si-
multaneous analogue-to-digital converter connected to a desktop computer
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running National Instruments LabView. Data was collected at a sample rate
of 200 kHz for 4 minutes at each setting.
Specific data collected was in-cylinder pressure, band-pass filtered in-
cylinder pressure (allowing 4-20 kHz, both pressure signals collected as a
differential voltage signal), diesel injection timing and degrees of crank angle
rotation information. The band-pass filter settings were set to capture the
combustion resonance whilst minimising the effects of the knocking frequen-
cies (<4 kHz) and the noise from the injector signal (>28 kHz). The diesel
injection timing was controlled by the engine management system (EMS)
and was unable to be actively controlled—in all test cases the diesel injec-
tion strategy was a sustained single injection where combustion commences
prior to the diesel injection completing. An impact of this is the diesel injec-
tion retarding with increasing ethanol substitutions. The ethanol injection
system is independent of the EMS; therefore, the energy input from the
ethanol is unknown to the EMS and it will treat this energy as though it
came from an operating condition such as descending a hill. The crank angle
rotation information is acquired from a Kistler crank angle encoder set (type
2614) with a resolution of 0.5 crank angle degrees—crank angle values were
interpolated between the known points. The limit of crank angle resolution,
based on the sampling frequency, 0.06 degrees per sample at 2000 rpm, this
results in a maximum uncertainty of 0.06 crank angle degrees.
The engine was run at 2000 rpm on neat automotive diesel and with
ethanol fumigation substitutions of 10%, 20%, 30%, and 40% at full load
(760 Nm) and at three quarters (570 Nm) and half (380 Nm) of full load.
The substitutions were performed by stabilising the engine at the required
load, then reducing the diesel energy (as inferred by the engine load) by the
substitution percentage and introducing fumigated ethanol until the original
engine load was achieved. Table 1 shows the exact diesel reductions and cor-
responding energy distributions for each test setting. All of the flow meters
were calibrated to an absolute standard (using a known volume and stop-
watch) and were found to be operating within a 2% uncertainty. Ethanol
fumigation was achieved by directly introducing the ethanol as a vapour into
the air in-take at the inlet manifold directly after the turbocharger and before
the intercooler, Injector 2 in Figure 1, at a an injection frequency of 50 Hz.
The flow of the manifold arrangement may have an effect on combustion air
supplied to the engine. Modelling experiments in AVL Boost indicate that
the mass of the charge air can vary as great as 2% between the cylinders. In
order to achieve repeatable fuel delivery at all engine loads, the difference in
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pressure between the ethanol fuel rail and the post turbo-charger manifold
pressure was monitored and used as feedback to the ethanol pressure relief
valve, in the case of Ethanol Injector 2 this is Pressure Relief Valve 2 in
Figure 1.
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Figure 1: Schematic of the ethanol injector and pressure/crank
angle data acquisition systems
The acquisition of temporally resolved in-cylinder pressure data from an
internal combustion engine provides many insights into the operation of an
engine. For example, the analysis of pressure data with respect to crank
angle, and by extension volume, is able to provide insights into how effi-
ciently an engine is operating; peak pressure, maximum rate of of pressure
rise, heat release, indicated work, indicated power, indicated mean effective
pressure, and thermal efficiency are the most commonly investigated [24–26].
Moreover, statistical analysis of the above mentioned engine parameters are
able to provide indicators of the reliability of engine operation [27]. Figure
2 shows an example of pressure versus crank angle data. As work is related
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Table 1: Ethanol substitutions at each test setting
Load Nominal
ethanol
substitution
Diesel
reduction
Diesel
energy
Ethanol
energy
0% 0% 100% 0%
10% 10.3% 92.1% 7.9%
Full 20% 21.1% 80.0% 20.0%
30% 29.3% 71.3% 28.7%
40% 38.1% 66.1% 33.9%
0% 0% 100% 0%
10% 9.2% 94.0% 6.0%
Three 20% 18.1% 81.7% 18.3%
Quarters 30% 26.8% 71.1% 28.9%
40% 36.2% 65.9% 34.1%
0% 0% 100% 0%
10% 6.8% 93.9% 6.1%
Half 20% 15.9% 68.3% 31.7%
30% 26.1% 66.8% 33.2%
40% 32.8% 57.2% 42.8%
to pressure, investigating in-cylinder pressure can yield many insights into
combustion phenomena.
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Figure 2: Pressure vs crank angle plot at full load on neat diesel
fuel
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The fluctuation located at the peak of Figure 2 is related to the com-
bustion of the fuel—indicated by a box. This fluctuation can be isolated
and analysed; the dominant frequency through this area is the first circum-
ferential mode frequency, and hence forth will be referred to as combustion
resonance. Figure 3 shows the combustion resonance from the in-cylinder
pressure trace in Figure 2, 4-20 kHz band-pass filter in-cylinder pressure
data—since the change in output voltage from the pressure transducer and
the change in actual pressure differ only by a linear scale, conversion from
the voltage signal to pressure is an unnecessary computational penalty. The
box indicates the start of ignition, detailed in the next section.
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Figure 3: Band-pass filtered voltage in-cylinder pressure signal at
full load on neat diesel fuel
4. Determination of the Start of Combustion
4.1. Combustion Resonance
An extensive analysis of combustion resonance by the authors has been
undertaken in [27]—some important early work in the area of combustion
resonance was done by Hickling et al. [28, 29]. Interest in combustion reso-
nance is owed to its relationship with the speed of sound, and hence in the
case of a combustion chamber, temperature [29–33]. In [27] the resonant
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frequency was isolated in a direct (mechanical) injection diesel engine and
used to estimate the in-cylinder temperature and the trapped mass in the
combustion chamber during combustion as a function of time, or crank angle.
This paper also demonstrated the large amount of cycle-to-cycle variability of
combustion in diesel engines and established a strong argument against cycle
averaging. Further, the isolation of combustion resonance also has important
applications in the detection of knock [31, 34].
In this study the point of injection was obtained by directly interrogating
the electronic diesel injector driver signal. Unfortunately, the mechanical la-
tency in the injector is unknown. However, latency would be approximately
uniform across all of the cycles, a repeatable charge time; hence, meaningful
comparisons of ignition delay can be made. Modern injectors are designed
for the dimensions of the internals to change in a highly accurate manner, al-
lowing for fast, precise and repeatable needle motion [35]. The signal shown
in Figure 3 starts exactly where the electronic injection signal occurs and the
observed fluctuations in in-cylinder pressure between 356 and 364 degrees
crank angle are associated with interference from the electronic diesel injec-
tion signal. Following this, the start of combustion can be seen to commence
at approximately 364 degrees crank angle, after which a strong resonance can
be seen—clearly visible on the right-hand side of Figure 3. For the purposes
of this investigation the ignition delay was defined as the number of crank
angle degrees from nominal injection, detected from the electronic diesel in-
jector driver signal, to the start of combustion which was taken to be when
the signal no longer only exhibited noise-like behaviour and the combustion
resonance commenced—the commencement of the combustion resonance has
been indicated with a red box in Figure 3. The combustion resonance is at
approximately 6 kHz. Analysis was performed in all cases by at least 2 inde-
pendent investigators, the maximum deviation in individual cycle results was
never more than 2 data points, corresponding to approximately 0.12 crank
angle degrees. Therefore, over the 200 cycles analysed at each test case, the
natural variation in interpretation between investigators showed the same
mode and variability within the experimentally determined uncertainty of
0.12 crank angle degrees. Ignition delay results are displayed relative to the
modal ignition delay of the neat diesel case at each load.
4.2. Net Rate of Heat Release
Determination of the start of combustion by analysing the net rate of heat
release (NRHR) is standard practice in engine research. Net rate of heat re-
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lease models are typically based on the first law of thermodynamics and often
provide very valuable insight into combustion processes, an example NRHR
diagram can be seen in Figure 4. However, this approach to determining
the start of combustion has a few short comings which are not easily over-
come. Namely, it is very difficult to account for mixture non-uniformity in
the air/fuel ratio and in the burned and unburned gas non-uniformity, the
effect of crevice regions in the combustion chamber, and assuming the wrong
rate of heat transfer between the cylinder charge and combustion chamber
walls (especially with the addition of a ‘cooling’ additive such as water, or
ethanol) [25, 36, 37]. However, under standard operating conditions, such as
running an engine with neat diesel fuel, this approach to determine the start
of combustion works very successfully, as can be seen in Figure 4. In Figure
4 the vertical line represents the modal start of combustion as determined
by the use of combustion resonance.
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Figure 4: Net rate of heat release, full load, neat diesel with the
modal start of combustion marked
Calculated in-cylinder pressure parameters, such as NRHR, are typically
generated from cycle averaged data [21, 37–39]. That is, to reduce noise
and to have the ability to read off single values as representative of the
experiment many cycles are combined before the NRHR is calculated—Figure
4 was generated from 4000 consecutive cycles. This approach can be quite
problematic if the inter-cycle variability is high, such as is possible when
the engine is run with different fuels, or under different operating strategies.
12
Moreover, filtering is required to be able to interpret the NRHR because of
the high frequency noise generated from differentiating already noisy data—
particularly in the case of the data shown in this paper, where the diesel
injector signal has interfered with the in-cylinder pressure signal. Essentially,
cycle averaging or filtering can potentially skew the interpretation of the
NRHR.
5. Results
In order to investigate the inter-cycle variability of the parameters of
interest: peak pressure, peak pressure timing, maximum rate of pressure rise
and ignition delay, kernel density estimates (probability density functions)
are created [40, 41]. Owing to the discrete nature of the electronic injector
signal, histograms were created to investigate the cycle-to-cycle variation.
This was done to allow a visual representation of the inter-cycle variability
and will also avoid ambiguous interpretations, such as quoting mean values
of multi-modally distributed data—when single data values are given they
are taken as the mode of the data, defined as the peak of a kernel density
estimate. For each data set the engine was run for 4 minutes, resulting in
approximately 4000 cycles at 2000 rpm. However, the ignition delay results
are derived from 200 consecutive cycles only, owing to the time consuming
nature of the analysis.
Results are presented by engine load, rather than by parameter because
engine load has the greatest influence on the parameters under consideration.
Such a presentation is also consistent with the method of ethanol substitution
where x% is the amount of ethanol required to offset x% of the diesel energy
input to the engine.
5.1. Full Load Results
Figures 5 to 9 show the results for full load (760 Nm) as probability
density functions of the parameters of interest. Maximum rate of pressure
rise results are shown in Figure 5, a small decrease in maximum rate of
pressure rise can be seen with low ethanol substitutions and also a small
increase in inter-cycle variability. At high ethanol substitutions (above 20%)
increasing ethanol significantly increases the maximum rate of pressure rise
and the inter-cycle variability. Moreover, at these high substitution settings
the engine had audible knock.
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Figure 5: Maximum rate of pressure rise, full load, 0%–40%
ethanol substitutions
There is a systematic increase in peak pressure and peak pressure inter-
cycle variability with increasing ethanol substitutions, shown in Figure 6.
However, the peak pressure timing, Figure 7, shows that the 10% ethanol
substitution yielded the least inter-cycle variability. The neat diesel case
and the 20% ethanol substitution case are bi-modal. In the neat diesel case,
this is a result of the first peak in pressure, a motoring peak just before
TDC, being similar to the combustion peak pressure, just after TDC. The
similarity of these two pressure peaks is evident in Figure 6 which is showing
very little inter-cycle variability in the peak pressure result for neat diesel.
Also, discounting the neat diesel case there is an increase in the inter-cycle
variability as the ethanol substitution increases.
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Figure 6: Peak pressure, full load, 0%–40% ethanol substitutions
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Figure 7: Peak pressure timing, full load, 0%–40% ethanol sub-
stitutions
With increasing ethanol substitutions, at full load the ignition delay de-
creases, as shown in Figure 8. The diesel injection timing is shown in Figure
9, the small difference observed in the injection timing is assumed to have
had a minimal effect on ignition delay. However, the diesel injection for the
40% substitution case was approximately a degree more advanced than the
lower substitutions and may have had an impact. The ignition delay for
the 10% substitution case exhibited the least inter-cycle variability with the
high substitutions exhibiting the most. At the high substitutions the very
short ignition delay time and increased peak pressure timing indicate that
the combustion process takes place over a longer period of time than that of
neat diesel or lower ethanol substitutions. Figure 8 indicates that the ignition
delay period for the 30% case is shorter than that of the 40% case—going
against the trend. This is most likely an artifact of the low number of cycles
analysed (200 for each case)—due to the time consuming nature of manual
analysis. Had all 4000 cycles been analysed it is likely that a more systematic
trend would have been presented. However, the value of this result is not
lessened. A very obvious decrease in ignition delay and increase in inter-cycle
variability past some threshold between 20% and 30% ethanol substitution
is still shown in the results.
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Figure 8: Ignition delay, full load, 0%–40% ethanol substitutions
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Figure 9: Diesel injection timing, full load, 0%–40% ethanol sub-
stitutions
5.2. Three Quarter Load Results
Figures 10 to 13 show the results for three quarter load. Results for the
maximum rate of pressure rise can be seen in Figure 10. Initially, increas-
ing the ethanol substitution decreases the maximum rate of pressure rise and
only slightly reduces the inter-cycle variability. However, past some threshold
substitution the maximum rate of pressure rise inter-cycle variability signifi-
cantly increases, the modal value is similar to those of the lower substitutions;
but, there is a second mode significantly higher and values lower than those
of the lower substitutions were also observed.
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Figure 10: Maximum rate of pressure rise, three quarter load,
0%–40% ethanol substitutions
Similar to the maximum rate of pressure rise results, the peak pressure
also decreases with increasing ethanol substitutions, until some threshold, as
shown in Figure 11. The 20% substitution case yielded the least inter-cycle
variability with only a small difference between the neat diesel case and the
10% substitution case. Both the 30% and the 40% ethanol substitutions
yielded significantly greater inter-cycle variability than the lower substitu-
tions and the neat diesel case. Also, in both of these higher substitutions the
results spread from significantly lower to significantly higher than the those
obtained with the lower substitutions, with the greatest extremes in the 40%
ethanol substitution case.
The peak pressure timing, Figure 12, for neat diesel and 10% ethanol
substitution were quite similar, and both exhibited a similar amount of inter-
cycle variability. At the 20% substitution the predominate modal value is
similar to the neat diesel and the 10% substitution cases. However, there is
also evidence of two further modes, that are more characteristic of the higher
30% and 40% substitutions, which occur later. The inter-cycle variability
increases from the 10% substitution to the 20% substitution and then again
from the 20% to the 30% substitution with a similar amount of inter-cycle
variability present in the 30% and 40% substitutions.
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Figure 11: Peak pressure, three quarter load, 0%–40% ethanol
substitutions
360 365 370
Peak Pressure Timing (degrees)
0.0
0.1
0.2
0.3
0.4
0.5
0.6
0.7
p
d
f(
P
e
a
k 
P
re
ss
u
re
 T
im
in
g
) D100E000
D090E010
D080E020
D070E030
D060E040
Figure 12: Peak pressure timing, three quarter load, 0%–40%
ethanol substitutions
Initially, Figure 13 shows that the ignition delay increases as the ethanol
substitution is increased. A slight decrease in ignition delay is observed in the
30% ethanol substitution case. This delay period is very similar for the neat
diesel and 10% to 30% ethanol substitution cases with the most consistent
result coming from the 20% substitution. Interestingly, the 30% substitution
result shows evidence of less inter-cycle variability than the neat diesel case.
Past some threshold substitution the ignition delay significantly decreases
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and the inter-cycle variability dramatically increases. This result mirrors
that of the maximum rate of pressure rise results shown in Figure 10.
Figure 14 shows the diesel injection timing. The engine management sys-
tem systematically retarded the diesel injection timing as the ethanol substi-
tution increased. From the neat diesel case to the 40% ethanol substitution
there was a difference of approximately 1.5 crank angle degrees, with most
jumps between settings (10% ethanol substitution increments) resulted in
the timing increasing by approximately half a degree. Much the same as the
full load case, it is assumed that this change only had a small effect on the
ignition delay as the change in pressure and volume this close to TDC would
only be minimal.
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Figure 13: Ignition delay, three quarter load, 0%–40% ethanol
substitutions
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Figure 14: Diesel injection timing, three quarter load, 0%–40%
ethanol substitutions
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5.3. Half Load Results
The maximum rate of pressure rise results in Figure 15 indicate that there
is little difference in the modal value or the inter-cycle variability in any of
the test cases. However, there is evidence to show that the introduction
of ethanol initially increases the maximum rate of pressure rise and that
increasing the ethanol reduces the maximum rate of pressure rise—the 40%
substitution case shows a result very similar to that of neat diesel. Also,
although not a significant change in inter-cycle variability Figure 15 does
show that the introduction of ethanol has increased the variability and that
increasing the ethanol substitution increases the inter-cycle variability.
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Figure 15: Maximum rate of pressure rise, half load, 0%–40%
ethanol substitutions
Much the same as the trend shown in Figure 15 with the maximum rate
of pressure rise, the peak pressure, shown in Figure 16, has an initial increase
with the introduction of ethanol and then decreases as the substitution in-
creases. Also, the 40% ethanol substitution case is similar to the neat diesel
case, but with increased inter-cycle variability. However, the 20% substi-
tution yielded the least inter-cycle variability. The peak pressure timing,
Figure 17, shows very little difference between any of the test settings, they
all exhibit multi-modal behaviour and have a similar amount of inter-cycle
variability. The neat diesel case in this instance is showing the greatest
amount of inter-cycle variability.
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Figure 16: Peak pressure, half load, 0%–40% ethanol substitu-
tions
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Figure 17: Peak pressure timing, half load, 0%–40% ethanol sub-
stitutions
In contrast to the results shown earlier in Figures 8 and 13 for ignition
delay at full and three quarter loads, respectively, Figure 18 does not show
any instance that the ignition delay period is less than that of neat diesel
for any ethanol substitution. At half load the ignition delay period increases
as the ethanol substitution increases; however, at 40% ethanol substitution
the ignition delay decreases from the 30% substitution—the delay period is
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still longer than that of neat diesel. This result reflects that of the current
literature where it has been extensively documented that ethanol fumigation
increases ignition delay owing to the so-called cooling effect that it has on
the charge air [42, 43].
The diesel injection timing at half load, much the same as the three
quarter load case, was systematically retarded with increasing ethanol sub-
stitutions. However, this increase was much less substantial than in the three
quarter load case and the neat diesel case and the 40% ethanol substitution
case were only approximately 1 degree apart from each other.
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Figure 18: Ignition delay, half load, 0%–40% ethanol substitu-
tions
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Figure 19: Diesel injection timing, half load, 0%–40% ethanol
substitutions
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5.4. Inter-cycle Variability
The results, shown in Sections 5.1 to 5.3, indicate that a threshold ethanol
substitution may exist that causes increased inter-cycle variability. Absolute
air to fuel ratios (mole basis) were calculated for each test setting—absolute
values, rather than relative values (lambda), are shown in this section because
the data collapses better allowing limits for this test engine to be evident.
A representative diesel fuel composition was determined from the known
density of the diesel fuel, this corresponded to a representative composition
of C12H23 [44]. Moreover, the flow rates of both fuels, diesel and ethanol,
and the in-take air were recorded directly from flow meter sensors at a rate
of 1 Hz.
The COV of IMEP, shown in Figure 20, is a standard used by engine
researchers for investigating inter-cycle variability. Figure 20 clearly indicates
an increase in COV of IMEP as the air to fuel ratio decreases. However,
normalising by the mean, in this case, is also showing a contradicting result
that the general effect of ethanol is greater at lower loads. The standard
deviation alone could be considered as a more meaningful view of the inter-
cycle variability as it shows the extent of the spread only. Figure 21 shows
the standard deviation of the IMEP with respect to the air to fuel ratio.
Further investigation was conducted into operating parameters that have
an effect on the longevity of the engine, maximum rate of pressure rise and
peak pressure. Figures 22 and 23, which are not normalised by their means,
confirm the results shown earlier in the paper in Sections 5.1 to 5.3 indicating
that with increasing load the effects of ethanol, especially at high substitu-
tions (low air to fuel ratios), also increase—intuitively, this makes sense as
at higher loads the in-cylinder pressure is higher and hence the ethanol is
compressed to a higher temperature prior to the diesel being injected. If the
ethanol has undergone premixed combustion then the stability of the engine
would be much lower. Figures 20 to 23 all show a monotonic trend, as the air
to fuel ratio decreases the inter-cycle variability increases. These figures also
indicate that at air to fuel ratios greater than 20 the inter-cycle variability
is not significantly effected by the ethanol fumigation and that at air to fuel
ratios less than 15 the effect is very significant.
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Figure 20: COV of IMEP Vs the Air to Fuel Ratio
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Figure 21: Standard Deviation of IMEP Vs the Air to Fuel Ratio
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Figure 22: Standard Deviation of the Maximum Rate of Pressure
Rise Vs the Air to Fuel Ratio
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Figure 23: Standard Deviation of the Peak Pressure Vs the Air
to Fuel Ratio
5.5. Auto-ignition of Ethanol
Given that the current literature suggests that ethanol fumigation in-
creases ignition delay, an experiment was designed to test if combustion was
possible with ethanol fumigation prior to diesel injection. In order to inves-
tigate this the engine was setup at an extreme case, full load with a 50%
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ethanol substitution. Once engine operation was established the diesel fuel
was shut off to number one cylinder, where the in-cylinder pressure trans-
ducer is located. Figure 24 shows the collected data.
The top in-cylinder pressure traces, in Figure 24, are those of the estab-
lished combustion prior to the diesel being switched off—50% of the energy
by ethanol. Combustion without diesel can be seen in the traces after the
diesel was shut off—test case denoted as D000E050. Data from Figure 24 was
used to investigate the decrease in indicated work. Figure 25 shows a plot of
normalised indicated work—the indicated work at full load was 1.7 kJ, aver-
aged across the 15 cycles prior to shutting off the diesel, and the indicated
work on the first cycle without diesel was 0.63 kJ (37%) (the normalisation
was performed by dividing each indicated work value by 1.7 kJ). Subsequent
cycles show a gradual decrease in pressure (and therefore indicated work)
throughout the relatively short experiment. It appears that this reduction
in indicated work during ethanol-only combustion is caused by a progressive
decrease in in-cylinder temperature due to the lower total value of heat re-
leased. Importantly, Figures 24 and 25 establish that it is possible to run
a diesel engine with ethanol alone by showing positive net work during the
ethanol-only operation. Whilst this mode of operation may not be ideal for
stability, it is important in-terms of understanding the practical effects that
ethanol fumigation has in diesel engine combustion and hence the outputs of
the engine: work and emissions.
In a modern heavy duty diesel engine, such as the one described in this
paper, the diesel injection timing is typically near TDC. The advanced diesel
injection allows the ethanol in the charge air more time to undergo pre-
combustion heat addition. It would be, therefore, expected that if the ethanol
in the charge air was either close to, or had already commenced combustion
when diesel fuel was introduced that the effect on in-cylinder parameters
would be significant. Moreover, because the diesel is injected from a high
pressure rail it is expected that the diesel will be more finely atomised when
compared with an older engine, with greater combustion chamber penetra-
tion. Possible effects from this would be changes to the flame front devel-
opment, potential homogeneous charge compression ignition combustion and
non-uniform combustion from the presence of hot-spots created from isolated
ethanol-only combustion. These effects result in greatly increased inter-cycle
variability in in-cylinder pressure parameters such as maximum rate of pres-
sure rise, peak pressure and ignition delay with relatively minimal effects to
the engine work output.
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Figure 24: In-cylinder pressure trace, full load, 50% ethanol sub-
stitution, established combustion and with diesel switched-off
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Figure 25: Normalised indicated work, full load, 50% ethanol
substitution, established combustion and with diesel switched-off
6. Conclusion
This paper has shown comprehensive results from an experimental cam-
paign on a common rail diesel engine operated with neat diesel fuel and with
ethanol substitutions up to 40% at full, three quarters and half load. The
effect of the ethanol on the maximum rate of pressure rise, peak pressure,
peak pressure timing, ignition delay and inter-cycle variability was explored.
At full load ethanol substitutions of up to 20% by energy have only a minimal
effect on the values of these parameters and the inter-cycle variability. The
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full load result is similar to the three quarter load case, which indicate that
substitutions near 30% are achievable without significant negative effects.
At half load the inter-cycle variability is relatively constant; however, the
ignition delay results indicate that at the 40% substitution the ignition delay
stops increasing and begins to decrease, given this information substitutions
above this may result in significantly increased inter-cycle variability. The
correlation between inter-cycle variability and the absolute air to fuel ratio
was explored and showed a monotonic trend with a critical ratio lying be-
tween 15 to 20. Ethanol-only combustion was also explored and established
through an experiment that involved running one cylinder of the engine with-
out diesel fuel. Early ignition of the fumigated ethanol was identified as a
cause for the decrease in ignition delay and the increase in inter-cycle vari-
ability with high ethanol substitutions.
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